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ABSTRACT

Microchannel heat exchangers (MHX) have found great successes in residential and commercial air conditioning
applications, being compact heat exchangers, to reduce refrigerant charge and material cost. This investigation aims
to extend the application of MHXs in split, room air conditioners (RAC), per fundamental heat exchanger and
system modelling. For this paper, microchannel condenser and evaporator models were developed, using a
segment-to-segment modelling approach. The microchannel heat exchanger models were integrated to a system
design model. The system model is able to predict the performance indices, such as cooling capacity, efficiency,
sensible heat ratio, etc. Using the calibrated system and heat exchanger models, we evaluated numerous low GWP
(global warming potential) refrigerants. The predicted system performance indices, e.g. cooling efficiency,
compressor discharge temperature, and required compressor displacement volume etc., are compared. Suitable
replacements for R22 and R-410A for the room air conditioner application are recommended.

1. INTRODUCTION

Micro-channel heat exchangers (MHX) use flat tubes with micro-channels, which reduce air side flow resistance and
refrigerant charge. The micro-channels promote annular flow and thus effective refrigerant side heat transfer.
Micro-channel heat exchangers have found great success in replacing condensers in commercial and residential air
conditioners. However, MHXs are slow getting into the market of evaporators, because flat tubes impede water
drainage, which negatively impacts defrosting and dehumidification performance, and distribution of two-phase
flow to numerous mini-ports in a MHX evaporator is difficult. Technologies are actually available to overcome
these barriers, for example, inserting a turbulator in the header entering the MHX to promote uniform mass flow
distribution, coating the fins with water repellent layers, aligning the evaporator coil to facilitate water drainage, etc.
These technical measures unavoidably cause extra cost, and make MHX evaporators less cost-effective than fin-tube
evaporators.

The use of hydrofluorocarbon (HFC) refrigerants as non-ozone-depleting fluids alternatives for air-conditioning and
refrigeration equipment was adopted by the developed countries during the ozone-depleting substances (ODS)
phase-out as described in the Montreal Protocol. Unfortunately, most of the used HFCs have higher global warming
potential (GWP) compared to the refrigerants that they replaced, which introduces uncertainty about their use in the
future because of their impact on the climate, for example, R-410A has a GWP (AR4) of 2088, and R-22 has a GWP
of 1810, which are thousands of times higher than natural refrigerants like CO2. HFCs currently account for only
1% of greenhouse gas emissions, but their use is growing rapidly, by as much as 10 to 15% per year, primarily
because of their use as replacements for ODS and the increasing use of air conditioners globally, as reported by
Ramanathan and Xu (2010 and 2013). Furthermore, according to the Montreal Protocol, Developing Countries,
Article 5 Countries, have started their phase-down schedule for ODS. As such, finding suitable lower GWP
refrigerants for HFC and hydrochlorofluorocarbon (HCFC) refrigerants is timely and will avoid a costly two-step
transition from HCFC to HFC and then from HFC to lower-GWP refrigerants. Therefore, there is potential for
significant reduction in greenhouse gas emissions through the substitution of high-GWP HFCs and HCFCs with
lower-GWP alternatives. The low GWP refrigerant candidates are expected to reach a higher or similar efficiency
level as compared to the refrigerants they will replace, to reduce in-direct global warming effect due to electricity
consumption.
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On the other hand, currently available low GWP refrigerants with good efficiencies for air conditioning applications
all subject to flammability, for example, R-32 and propane. Their uses are prohibited in air conditioning systems, if
the system charge exceeds a certain value. As mentioned, MHXs are effective in reducing system charge while
maintaining similar heat transfer performance. They will extend the capacity range of flammable refrigerants
without violating related safety regulations. Thus, conversion to flammable low GWP refrigerants makes it
necessary to make air conditioners having all MHX heat exchangers, i.e. condenser and evaporator. This paper
introduces development of MHX condenser and evaporator models, and integrating them to a system model.

2. Segment-to-Segment Microchannel Heat Exchanger Models

Segment-to-segment modeling approach can be used to model fin-tube (FTC) heat exchangers, by dividing each
single tube into numerous segments. Microchannel heat exchangers can be modelled the same way, by each dividing
single port into mini-segments. As shown in Figure 1, each port is divided to smaller segments. Heat transfer,
pressure drop and charge inventory are calculated segment by segment. Each segmented control volume contains a
single port. Heat transfer and pressure drop at the air and refrigerants sides are considered within each control
volume. Air flows port-to-port along the micro-channel tube and fin surface.

There are many port shapes, for example, round, rectangular, trapezoidal, triangular, etc. The port hydraulic inside
diameter is treated as the characteristic dimension to calculate heat transfer, pressure drop and void fraction. The real
shape of a port is used to calculate its cross-sectional flow area for determining the inner volume, charge inventory,
and inside heat transfer surface area. Each port’s outside heat transfer surface area is calculated using the
microchannel tube total outside surface area divided by its number of ports. The fins are treated as straight fins.
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Figure 1: Segmented Control VVolume of a Mini-Port

The heat transfer rate ¢in each mini-segment is calculated using the .—NTu method. The pressure drop of the
refrigerant p  is determined by the frictional pressure drop and momentum pressure drop within the port segment.

In addition, the refrigerant mass in the tube segment can be determined with the known refrigerant properties and
inner volume. The essence of using finite segments is that the substance properties can be treated as constant within
each segment. Certainly, smaller segments lead to better accuracy. However, it is at the expense of calculation time.

Refrigerant-to-Air Heat Transfer:

For elements where no moisture condenses, the effectiveness correlations for sensible heat transfer are used to
calculate the heat transfer between the refrigerant and air. The fin efficiency is calculated as Equation 1:
_ tanh(mL,) €))

F mL,
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where 5, is the fin efficiency for heat transfer relative to the maximum heat transfer if the whole fin temperature is

the same as the fin base temperature. |, is the fin length in each control volume. In addition, me |2k, is the fin
k15f

thermal conductivity, h, is the airside heat transfer coefficient, and s, is the fin thickness.

The overall efficiency relative to the entire surface area is calculated as,

A = (A = A) + 77 A )
where a_ is the fin surface area of each divided port, and A is the exposed port surface area including the port

outside surface and the fin surface.
The overall heat transfer conductance UA is composed of three parts: the air side, the tube wall and the refrigerant

side.

©)

i: R, + Rpon+ R; :#+ Rpm+i
UA noA)ho hIA

M is the refrigerant side heat transfer coefficient, A'is the port inside heat transfer area, and Roor i the tube

where
wall thermal resistance, assuming each port is a mini round tube. A heat transfer correlation published by Dobson
(1998) is used to calculate the condenser two-phase heat transfer coefficient. A pressure drop correlation published
by Kedzierski (1999) is used to compute the two-phase pressure drop. The selected Air side heat transfer correlation
was published by Kim and Bullard (2002).

Refrigerant-to-Air Heat & Mass Transfer

In the case of water condensing on an evaporating coil, both heat and mass transfer need to be considered. The

effectiveness of heat and mass transfer is still defined as ., ¢ . The approach for modeling a wet coil is based on
RN

me
Braun (1989). Braun (1989) introduced the parameter of the air saturation specific heat at the refrigerant temperature
to model wet coils, where :(dhsat,air)T o Using the air saturation specific heat, the existing effectiveness
S dT =Tret

relationships developed for sensible heat transfer can also be used for heat and mass transfer, based on the modified
definitions for the number of transfer units and capacitance rate ratio. The details can be seen as follows:

The driving potential for heat transfer in the case of a wet coil is the difference between the enthalpies of the inlet air

and the saturated air enthalpy at the refrigerant temperature. Then, the maximum possible heat transfer rate Quac s
defined by:

Qmax = ma (ha,i - hs,evap) (4)
Heat and mass transfer fin efficiency:
. _tanh(m'L,) )
FomL,
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where m" = 2h,IC, ., Com is the specific heat of the wet air. m_is the air mass flow rate, p_, is the air inlet
\/ k,/C,x5, ’ '

enthalpy, h, evapis the saturated air enthalpy at the refrigerant temperature. The overall heat and mass fin efficiency

relative to the overall surface area is calculated as,
A = (A=A )+ A (6)

Overall heat and mass transfer conductance UA”:

c
]: == - +C5Rtube+&
UUA nohvo hIAI (7)
Modified number of transfer units NTU" for the wet coil analysis:
NTU" :—U?A°
M ®)
Modified capacitance rate ratio for the wet coil analysis: or - m, This parameter is used in a similar way in

~m,(C,,/C,)

the heat and mass transfer analysis as - is used in the relationships for the effectiveness of the sensible heat transfer
analysis. The flow-pattern-dependent heat transfer correlation published by Thome (2002) is used to calculate the
evaporator two-phase transfer coefficient. The pressure drop correlation published by Kedzierski (1999) is used to
model the two-phase pressure drop. The selected Air side heat transfer correlation was published by Kim and
Bullard (2002).

Relationships of heat and mass transfer effectiveness ¢ : The heat and mass transfer effectiveness is a function of
the modified number of transfer units and the modified capacitance rate ratio, ¢” = f (NTU*,Cr") . The existing
effectiveness models for sensible heat exchangers can then be used directly for wet coil analysis after using NTU" to
replace NTU | and Cr” to replaceC-. The heat and mass transfer of a two-phase section is calculated by,

& =1-exp(-NTU") )
For a single-phase section, the effectiveness correlations for cross-flow with one mixed (refrigerant) and one

unmixed (air) fluid are used.

After the heat transfer rate Q is determined, the air side parameters can be obtained using the air side analysis. The

air enthalpy flowing out of the segment is determined by,

ha,o = ha,i _.g
M (10)
The saturation air enthalpy at the tube surface is
- ha i ha 0
hs 50 ha I —
- ' 1—exp(—NTU0) (11)
where NTU; = 7ohoﬁb .
macp,m
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The effective tube surface temperature of the wet tube T is the saturated air temperature corresponding to the
enthalpy of h,, at the barometric pressure.

Then the outlet air temperature can be determined using a sensible heat transfer calculation,
Ta,o :i,u + a,i _-Fs,u)exp(_NTUo) (12)

where \p; _ A is for sensible heat transfer.
° My

air~’p,m

To model a port segment in an evaporator, the analysis can be conducted at first for the wet coil to decide the

effective surface temperature T_ . If T, is smaller than the inlet dew point temperature, the coil is considered wet.

Otherwise, the heat transfer rate is determined using the dry coil heat transfer analysis.

3. System Model
The micro-channel condenser and evaporator models were integrated to the DOE/ORNL Heat Pump Designh Model
(HPDM, Rice 1997 and Shen 2014) for system simulations. In the system model, basic efficiencies were adopted to
model the compressor, i.e. volumetric efficiency shown in Equation 13, and isentropic efficiency shown in Equation
14,

X Density

mr‘ = Vo'tumedirphzcsmsnr X Spee'drorarion Y ruction X nvol

(13)

H

Power = m, X (H sucr:’on)-f‘n:’santromc

dischargs.s

(14)

Where ™r is compressor mass flow rate; FOWe™ js compressor power; vl is compressor volumetric efficiency;

Misentropic is compressor isentropic efficiency; Hauction is compressor suction enthalpy; Haischarges is an enthalpy
obtained at the compressor discharge pressure and suction entropy.

To simulate low GWP refrigerants, interface functions were developed to call REFPROP 9.1 (Lemmon, 2010); and
thus, HPDM accepts all the refrigerant types in the REFPROP 9.1 database, To speed up the property calculation, it
has an option to generate property look-up tables, using REFPROP 9.1 and 1-D and 2-D cubic spline interpolation
algorithms to calculate refrigerant properties, this would greatly boost the calculation speed, with the same accuracy.

Table 1 lists refrigerant types for this modeling study. In the table, R-32 is typically recommended as a low GWP
refrigerant replacement of R-410A, and propane is recommended to replace R-22 in small size units. R-1234yf and
R-1234ze are generally used as compositions of recent low GWP refrigerant mixtures, for example, DR-55 and DR-
3.

Table 1: Selected Refrigerants

Refrigerant | GWP Safety Class | Critical Temperature [°C] Critical Pressure [kPa]
R-410A 1924 Al 71.3 4902
R-32 677 A2L 78.1 5782
R-22 1760 Al 96.2 4990
Propane 3 A3 96.7 4251
R-1234yf 4 A2L 94.7 3382
R-1234z¢ 6 A2L 109.4 3635

For the modeling study, we compare fin-tube evaporator and condenser to microchannel evaporator and condenser
in one room air conditioner system having the same indoor and outdoor air flow rates. The FTC evaporator and
condenser were obtained from a 1.5-ton (5.275 kW), split, ductless, room air conditioner, originally designed for R-
22. The micro-channel condenser was from a similar capacity room air conditioner, originally design for R-410A.
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The FTC heat exchangers and MHX condenser were modeled and calibrated against experimental data, by adjusting
the air side heat transfer multipliers. The MHX evaporator is modelled to replace the FTC evaporator in Table 2,
having the same frontal flow area. The MHX evaporator uses the same type of micro-channel tubes as the MHX
condenser. The MHX evaporator is assumed to have ideal refrigerant mass flow distribution and drainage of
condensed water, and adopts the air side heat transfer multiplier of the MHX condenser model. Inlet and outlet
headers of the MHXs have an outside diameter of 1 inch (25.4 mm). Because the one-row MHX condenser has
smaller fin surface area of individual fins, it needs larger fin density than the two-row fin-tube condenser, i.e. 1.125
times as dense, to accomplish the same heat duty. Similarly, it is assumed that the one-row MHX evaporator has
1.125 times of fin density as the two-row fin-tube evaporator. For the MHXSs, the flat tubes reduce air flow
resistance; however, the increased fin densities increase the flow resistance. There is a trade-off, and the fan powers
consumed by the MHXs are similar to fin-tube heat exchangers. For this modeling study, we only evaluated one-row
evaporator, as adding another row will result in no charge reduction in the evaporator.

Table 2: Heat Exchanger Dimensions

Outdoor Heat Exchanger (Condenser)

Type Fin-tube coil Microchannel
Total Tube Number 52 65
Number of rows 2 1
Number of parallel circuits (3 condensing +1 subcooling) (47 cond + 18 in subc)
Fin density (fins/m) 629.9 708.7
Frontal flow area [m?] 0.587 0.550
Tube diameter [mm| 8.15 (outside diameter) 0.8 (hydraulic dj)/14 ports
Tube Length [m] 0.89 0.89
Air Flow [m?/s]/Fan Power [W] 1.369 m3/s /196 W
Indoor Heat Exchanger (Evaporator)
Type Fin-tube coil Microchannel
Total Tube Number 32 42
Number of rows 2 1
Number of parallel circuits 4 42
Fin density (fins/m) 787.4 885.9
Frontal flow atea [m?] 0.285 0.285
Tube diameter [mm)] 7.2 (outside diameter) 0.8 (hydraulic dj)/14 ports
Tube Length [m] 0.813 0.813
Air Flow [m3/s]/Fan Power [W] 0.243 m3/s /52.5 W

4. Simulation Results

In the system modelling, the compressor volumetric efficiency was set at 90% and the isentropic efficiency was set
at 70%. The compressor shell heat loss was assumed to be 5% relative to the compressor power. The condenser exit
subcooling degree was specified at 10R (5.6K), and the evaporator exit superheat degree was also set at 10R (5.6K).
Simulations were performed for all the selected refrigerants at the AHRI 210/240 standard A rated condition, i.e.
ambient air temperature at 95°F (35°C) and indoor air at 80°F (26.6°C) dry bulb/67°F (19.4°C) wet bulb. The
compressor displacement was auto-calculated to match a target cooling capacity of 1.5-ton (5.275 kW).

Figure 2 illustrates predicted charges summed in the condenser and evaporator, for the system using MHXs and
FTCs, respectively. It can be seen that the MHXs reduce the charge up to 55%, consistently for all the refrigerants.
Although propane is the most flammable refrigerant, it has the least charge, i.e. less than 0.5 Ibs (0.23 kg).
Consequently, it is feasible to use propane in small capacity room air conditioners, having all micro-channel heat
exchangers. It should be mentioned that Hughmark (1956) was used to calculate the void fractions in both MHX and
FTC heat exchanger models.

Figures 3 and 4 shows predicted compressor suction and discharge saturation temperatures, which indicate overall

heat transfer performance in the evaporator and condenser. There are two major factors impacting the overall heat
transfer performance, one is the air side and refrigerant side heat transfer coefficient and surface area, the other is the
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refrigerant saturation temperature drop. The saturation temperature drop, as illustrated in Figures 5 and 6, incurs
with the refrigerant pressure drop. Large temperature drop decreases the average temperature driving difference
between the air side and refrigerant side, which pushes suction pressure lower or discharge pressure higher for
achieving the same heat duty. Figure 3 indicates that the FTC evaporator has better heat transfer performance than
the MHX evaporator, for R-410A, R-32, R-22 and propane because it has larger heat transfer surface area. However,
the FTC evaporator appears worse for R-1234yf and R-1234ze, because these two refrigerants’ saturation
temperature drops are very sensitive to the pressure drop in the evaporator, and the MHX evaporator is able to
decrease the pressure drop when having multiple, parallel flat tubes and mini ports. At the condenser side, the MHX
results in slightly better heat transfer performance i.e. lower discharge saturation temperatures for all the
refrigerants, due to the smaller saturation temperature drops.
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Figure 2: Summed charge in condenser and evaporator
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Figure 7 shows predicted sensible heat ratios with using MHX and FTC, which presents no apparent difference
among the refrigerants. On the other hand, the MHX evaporator has 2% higher SHR, indicating it is less effective in
water removal, due to its shorter air flow path. Figure 8 illustrates predicted compressor discharge temperatures. R-
32 appears to have the highest discharge temperature. Propane, R-1234yr and R-1234ze have lower discharge
temperatures. Figure 9 presents the required compressor displacement volumes, as ratios to the volume of R-410A
system using FTCs. It can be seen that R-32 and R-410A require a similar displacement volume to achieve the
cooling capacity of 1.5-ton (5.275 kW). R-1234yf and R-1234ze require much larger displacement volumes, i.e. 2 to
3 times as large, implying those refrigerants will use more expensive compressor products later. Figure 10 shows
predicted COPs. Due to the heat transfer performance differences observed in Figures 3 to 6, the MHXs lead to
significantly better COPs for R-1234yf and R-1234ze than FTCs, due to reducing the saturation temperature drops,
but worse COPs for the other refrigerants due to the smaller surface area. In general, R-32 has the highest COP. R-
22 and propane have comparable COPs. R-1234yf and R-1234ze have the lowest COPs. If the MHXs are used, their
COPs can be increased to 95% COP of R-32.
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3. Summary

This paper introduces modelling microchannel condenser and evaporator by dividing each single port into numerous
segments (segment-to-segment modelling approach). The MHX models were integrated to a system model. The
system model was used to assess performances of R-410A, R-32, R-22, Propane, R-1234yf and R-1234ze in a 1.5-
ton (5.275 kW) room air conditioner, using FTC or MHX heat exchangers, respectively. The system modelling
results demonstrate that the MHXs effectively reduce the system charge, and can be useful to extend the application
range of a flammable refrigerant, like propane. The one-row MHX evaporator enhances the system performances of
R-1234yf and R-1234ze, because it reduces the heat exchanger saturation temperature drop, and benefits the overall
heat transfer performance. On the other hand, the MHX evaporator leads to worse system performances for R-410A,
R-32, R-22 and propane, due to its limited tube and fin surface area.
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R-32 has the best system performance and requires a similar compressor displacement volume as R-410A. R-1234yf
and R-1234ze have the worst performances and require much larger compressor displacement volumes.
Nonetheless, use of MHXs is most effective in enhancing the system performances of R-1234yf and R-1234ze. R-22
and propane have a similar performance, but propane requires a larger compressor displacement volume.
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